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Jesús De Andrade, Christian Curiel, Frank Kenyery, Orlando Aguillón,
Auristela Vásquez, and Miguel Asuaje
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The paper refers to the numerical analysis of the internal flow in a hydraulic cross-flow turbine type Banki. A 3D-CFD steady
state flow simulation has been performed using ANSYS CFX codes. The simulation includes nozzle, runner, shaft, and casing. The
turbine has a specific speed of 63 (metric units), an outside runner diameter of 294 mm. Simulations were carried out using a water-
air free surface model and k-ε turbulence model. The objectives of this study were to analyze the velocity and pressure fields of
the cross-flow within the runner and to characterize its performance for different runner speeds. Absolute flow velocity angles are
obtained at runner entrance for simulations with and without the runner. Flow recirculation in the runner interblade passages and
shocks of the internal cross-flow cause considerable hydraulic losses by which the efficiency of the turbine decreases significantly.
The CFD simulations results were compared with experimental data and were consistent with global performance parameters.

1. Introduction

Small hydroelectric power plants (P < 10 Mw) are a solution
to the power needs of small communities. The cross-flow
turbines may gain acceptance, and as they can be used in
these power plants due to their simple construction, low cost
of initial investment and modest efficiency (∼84%).

The utilization of these turbines in large-scale power
plants has been limited due to its low efficiency compared
to other turbines used commercially (η > 90%). In order
to make them more competitive, it is imperative that their
efficiency be improved. This can only be achieved by means
of studying the turbine operation and determining the
parameters and phenomena that affect their performance.
Nowadays, numerical tools are regarded as an industry
standard for this process.

The improvements in CFD tools have allowed the mode-
ling and obtaining of numerical accuracy of flow fields in
turbomachines than previously attained. Turbomachinery
designers regularly use numerical methods for predicting
performance of hydraulic reaction pumps [1] and turbines
[2]. However, numerical methods for predicting the action

turbine performance with free surface flow conditions have
slowly emerged due to the complex nature of this physic
phenomenon.

One-dimensional (1D) and quasi-three-dimensional (Q-
3D) approaches for turbomachinery design and analysis can
be considered well adapted and powerful enough for most
applications. Researchers such as Mockmore and Merryfield
[3] have used 1D theoretical analysis methods and exper-
iments to improve the cross-flow turbines performance.
However, for designing a high-performance Banki turbine,
it is necessary to determine accurately the internal flow in
the static passages and the cross-flow within the runner
[4]. In the literature, CFD simulation results with regard to
nozzle flow are consistent with experimental results. Pereira
and Borges [5] presented a 2D-CFD investigation of the
water flow inside the nozzle. The numerical results are
consistent with the experimental data collected when the
runner was not present. This approach has also been used
by Marchegiani and Montiveros [6], where the effect of the
turbine injector geometry is studied. In another approach by
Arzola et al. [7], 3D free surface flow simulations (i.e., water-
air) inside a nozzle were performed. With this approach,
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certain differences were found between water and water-air
CFD results with regard to the flow velocity angles towards
the 1st stage of the runner.

Another method has been developed by Chávez and Vera
[8], which considers a 2D water flow simulation of the
domains nozzle, runner 1st stage, and 2nd stage separately.
Global performance parameters were presented for different
operating conditions. Fukutomi et al. [9, 10] have investi-
gated through 2D numerical calculations the unsteady water
flow inside the runner, paying attention to the flow along the
runner entrance and unsteady forces on the blades.

On the other hand, Choi et al. [11] performed an
entire 2D-CFD steady state cross-flow turbine simulation,
considering water and water-air flow conditions. With this
approach, the authors studied the influence of nozzle shape,
runner blade angle, and runner blade number on the turbine
performance. Moreover, the important role of the air layer
on the numerical calculation was verified.

The purpose of the present study is to perform a 3D-
CFD steady state flow simulation of a hydraulic cross-flow
turbine type Banki (including nozzle, runner, shaft, and
casing) in order to analyze and understand the fluid dynamic
behavior of the multiphase flow within the runner. The
study is focused on achieving a better use of small hydraulic
resources with future cross-flow turbine designs. The specific
objectives of the study are to:

(i) determine the flow field inside the nozzle-casing
assembly of the turbine in order to obtain the flow
velocity angles α that could be found in the runner
inlet (1st stage),

(ii) reproduce a full simulation of the turbine and
characterize its performance and to compare the
numerical results with previous experimental data,

(iii) analyze the velocity and pressure fields of the cross-
flow within the runner,

(iv) conclude on the influence of including the runner in
the numerical calculations.

2. Cross-Flow Turbines

An extensive bibliographical review on the development of
the cross-flow turbines can be found in the works of Khosro-
wpanah et al. [12], Fiuzat and Akerkar [13, 14] and Venkap-
payya and Nadim [15]. The works included details concern-
ing the influence of the number of blades, outside diameter
of the runner and admission arc of the nozzle on the turbine
efficiency.

Fiuzat and Akerkar [13] led a study to improve the cross-
flow turbine efficiency by means of using a guide tube inside
the runner to collect and guide the flow that crosses the
interior towards the 2nd stage of the runner. In their study,
these authors conclude that the low efficiency of the turbine
is attributed to a certain portion of the flow that crosses the
runner blade being lost in the 2nd stage leaving it without
transferring energy; this flow only generates power in the 1st
stage. A scheme of this flow distribution is shown in Figure 1.

Furthermore, Fiuzat and Akerkar [14] carried out ano-
ther study with the intention of identifying the contribution
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Figure 1: Flow distribution within the runner of a cross-flow
turbine.

of each one of the cross-flow turbine stages to the power
output generation. The authors conclude, after this study,
that the 2nd stage plays a significant role in the total efficiency
of the cross-flow turbine, which could be increased if the
research carried out by Nakase et al. [16] is considered. They
established that the flow in a Banki turbine is divided in
two types of flow, as can be observed in Figure 1. The flow
in zone “A” is deflected by the blades in the 1st stage and
afterward deflected by 2nd stage, thereby transferring energy
to each of the runner stages; this flow is denominated “cross-
flow”. The flow of zone “B” is dragged within the blades and
is denominated “non-cross-flow”. Increasing the amount of
water that flows through zone “A” increases the efficiency of
the turbine. This would not improve the efficiency of the 1st
stage, but it would increase the cross-flow towards the 2nd
stage.

Shepherd [17] comments that with cross-flow turbines
75% of the available energy is transferred with greater
efficiency in the 1st stage, when the water flows towards
the interior of the runner blade, and the remaining 25% is
transferred with lesser efficiency in the 2nd stage, when the
water flows in the opposite direction.

The hydraulic efficiency of the 1st stage is greater because
the angle of incidence of the fluid α1 can be calculated and
controlled with an appropriate nozzle design. In the 2nd
stage the efficiency falls due to the hydraulic losses that take
place inside the runner. The flow angles at the inlet of this
2nd stage cannot be controlled. Figure 2 shows for different
streamlines, the velocity triangles when the flow is coming
out of the 1st stage of the runner blade. As can be observed,
the absolute velocity V2 has different directions for each
blade and the streamlines tend to “collide” inside the runner.

2.1. Calculation of Effective Head and Efficiency. The effective
turbine head is given by the application of the Euler equation,
which expresses that the energy acquired from the fluid
that flows through the runner is a function of the angular
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moment variation. In the cross-flow turbine case, the Euler
equation can be expressed as follows:

Ht = 1
g

[(U1Vu1 − U2Vu2) + (U3Vu3 − U4Vu4)]. (1)

The Euler equation considers the variation of the velocity
triangles from runner inlet to outlet of the 1st stage and
then from runner inlet to outlet of the 2nd stage. The
relevant velocity triangles within the runner are schematized
in Figure 3. According to the figure, for design conditions
α2 = α3, W2 =W3 and β3 = 90◦. In addition, a good design
requires that α1 should be between 15 and 20◦ [3].

The global efficiency of the turbine is given by (2).
Furthermore, for this study it is important to mention
the hydraulic efficiency, which considers the losses due to
hydraulic effects. The hydraulic efficiency can be expressed as

η = Phydraulic

Pshaft
, (2)

ηh = Ht

H
. (3)

3. Test Case

A hydraulic cross-flow turbine with a specific speed of 63
(metric units) is used as the test object. During the 1980’s this
turbine was part of a test facility of the Mechanical Energy
Conversion Laboratory at “Universidad Simón Bolı́var”. This
facility was designed to characterize the performance of
the turbine [18]. Through the tests were obtained the
global performance parameters of the turbine for different
runner speeds, at each flow rate and head tested. With the
processing of all this data, the hill diagram of the turbine
was constructed. The design flow parameters of the turbine
were a head of 35 m, a flow rate of 0.135 m3/s and a speed of
800 rpm. Other relevant parameters are presented in Table 1.

Table 1: Design parameters for the cross-flow turbine used as test
object.

Specifications of the Banki turbine

β1 120◦ α1 16◦

β2 90◦ So 46 mm

Dout 294 mm λ 70◦

Dins 200 mm η 71%

B 150 mm z 24 blades

d 48 mm r 46 mm

4. Numerical Approach

Due to the great computational costs and time that the study
of this complex flow through the turbine entails, all the
simulations were carried out at the design conditions (H ,Q)
varying the runner speed.

3D viscous steady CFD simulations are performed by
using the commercial software ANSYS CFX v.11. As turbu-
lence model, k-ε turbulence model closure with scalable wall
functions is used. This near-wall treatment can be applied
on arbitrarily fine grids and allows the user to perform
a consistent grid refinement independent of the Reynolds
number of the application. More details can be found in [19].
Given that the flow considered in this study is a two-phase
flow (water-air), where the fluids are separated by a distinct
interface, the standard homogeneous free surface model is
used. Thus, both fluids share the same velocity, pressure, and
turbulence fields. It was not possible to apply the buoyancy
model, since the software does not allow it when there is a
numeric domain in rotation, such as the runner. More details
of the numerical modeling can be found in [20, 21].

The viscous fluxes are computed with a “high-resolution”
scheme, which means that in regions with low variable
gradients, a second order upwind scheme is used. In areas
where the gradients change sharply, a first-order upwind
scheme is used to maintain robustness. Besides, root mean
squared convergence criteria with an average residual target
of 1 x 10−4 in mass, momentum and turbulence (k-ε)
equations is used. The boundary conditions are as follows:

(i) inlet: velocity normal to face, αvwater = 1 and αvair =
0,

(ii) outlet: static pressure, type opening, αvwater = 0 and
αvair = 1,

(iii) periodic: two symmetry surfaces positioned in the
middle of the blade passages,

(iv) wall: general boundary condition by default (no-
slip).

Regarding the numerical treatment between the Noz-
zle/Runner/Casing interfaces, the type “frozen rotor” was set.
This means that the frame of reference is changed, but the
relative orientation among the components across the inter-
face is fixed. This model produces a “steady state” solution to
the multiple frame of reference problem, with some account
of the interaction between the two frames. This analysis
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Figure 3: Theoretical velocity triangles of a cross-flow turbine runner.

is useful when the circumferential variation of the flow is
large. The disadvantages of this model are that the transient
effects at the frame change interface are not modeled and
the flow field results are related to a unique position between
nozzle/runner/casing domains. More details are in [22].

In order to conclude on the effect of including the runner
on the calculation of the absolute flow velocity angles α that
would come to the runner inlet (1st stage), two numerical
flow domains are studied:

(i) domain I: conformed by the nozzle and casing of the
turbine

(ii) domain II: conformed by nozzle-runner-casing.

For the runner, a structured grid was created using
the Turbogrid v.1.06 ANSYS software. For the rest of fluid
domains, unstructured tetrahedral grids with inflated layers
at the walls were created. As in any CFD simulation, a
sensibility analysis was performed to guarantee that results
are not dependent on grid size. Figure 4 shows how the
calculated pressure drop reaches an asymptotic value as the
number of elements increases. According to this figure, the
grids highlighted are considered to be sufficiently reliable to
ensure mesh independence. The total number of elements
inside domain I was 1,220,070 and for domain II was
1,413,985. 3D views of domains I and II, including all the
meshes, are shown in Figure 5. Table 2 presents the detailed
number of elements in each domain. The closest nodes to the
solid walls are located at a distance of between 0.2 to 1 mm,
given y plus values bellow 200.

For both domain cases (I and II) the rotation angle θ
is employed in order to assess flow angles and velocities of
interest for this study. The θ angle is measured from the
beginning of the nozzle in an anticlockwise direction. Details
of θ angle measuring and cylindrical coordinate system with
origin at the centerline of the runner are shown in Figure 6.

The radial unit vector shown on the figure is considered
positive regarding the radial velocities further addressed in
this study.

For the validation of this numerical investigation, the
conducted CFD computations are compared to global
performance parameters. The parameters considered are
global and hydraulic efficiency. The experimental efficiency
is calculated according to (2) and the numerical efficiency
according to (3), which means that the volumetric and
mechanical efficiencies are not numerically estimated.

5. Results and Discussion

5.1. Nozzle-Casing Flow Field Analysis (Domain I). In this
first part of the results section two main issues are addressed
for the design test conditions (H ,Q): firstly, the analysis and
discussion of the multiphase flow field with respect to water-
air volume fraction and water velocity variations at midspan
location. Secondly, the investigation of the absolute flow
velocity angles α1 variations that would come to the runner
inlet (1st stage). The study is conducted for the assembly
nozzle-casing, but focusing on the nozzle outlet.

In Figures 7 and 8, the water volume fraction contour
and water velocity vectors at the midspan are, respectively,
illustrated for the flow design condition. A free surface flow
with a well-defined interface between the water and air
homogenous flows can be observed. The water flow velocity
field reaches the maximum velocities at nozzle outlet, where
the runner 1st stage inlet would be. The transfer of energy
from pressure into speed is important in any action turbine.
However, according to (3), maintaining a specific flow angle
at runner entrance is of equal importance.

In Figure 9, the α1 angle is plotted against the rotation
angle occupied by the admission angle λ of the nozzle.
Water volume fraction variation is also shown. It can be
seen that the α1 angle decreases from 23◦ by increasing the
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Figure 4: Influence of grid size on (a) nozzle, (b) runner blade passage, and (c) casing pressure drop.

Table 2: Number of elements and characteristics of meshes.

Domain I Domain II

Mesh Block Nozzle Casing Runner Nozzle Casing

Nr. of meshes in subdomain 1 1 24 1 1

Nr. of elements by mesh 240,048 980,022 27,040 240,000 525,025

Grid skew — — 15–165 — —

Grid element volume ratio 16 19 14 18 22

rotation angle until it reaches the middle of the admission
angle, where it rises gradually until almost the end of this
angular sector, where it declines sharply to 7◦. The numerical
grid could account, at least partially, for some of the small
oscillations seen in α1 angle. Nevertheless, according to
the grid validation in Figure 4 the numerical grid selected

not seems to influence the turbine performance noticeably.
The observed trend is not an obvious fact, as the design
α1 is 16◦. Arzola et al. [7] found a similar absolute flow
velocity angle variation in their study. The explanation for
this flow behavior is probably the standard supposition of
potential flow when the nozzle was designed. Furthermore,
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it is observed that the water volume fraction rises sharply to
1 by increasing the rotation angle from 0 to 5◦.

5.2. Cross-Flow Turbine Flow Field Analysis (Domain II). In
this section, the fluid dynamic behavior of the cross-flow
turbine is addressed for the design test conditions (H ,Q).
First, the 1st and 2nd runner stages are quantitative studied
for the design runner speed. Next, the assessment of the
numerical and experimental calculations by comparing the
global performance parameters for different runner speeds is
presented. Furthermore, the water volume fraction and water
flow velocity contours are addressed for different runner
speeds. Particular attention is paid to the nominal speed.
Next, the significant absolute and relative flow velocity angles
are investigated for the 1st and 2nd runner stages at design
speed. Finally, the absolute flow velocity angles found for
domains I and II are compared.

Definition of Runner Stages. To estimate the cross-flow
turbine hydraulic efficiency through the CFD simulations on
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Domain II, it is important to establish clearly the angular
limits at each stage of energy transfer. Considering the
variation of water radial velocities and water volume fraction
in the rotation runner angle “θ” at the inside diameter, the
1st and 2nd stage can be established. In this section, the
calculated variations of the radial water velocity and water
volume fraction along a specific rotation sector at the runner
outside diameter Dout are addressed in order to determine the
1st and 2nd stage of the runner at design speed. The results
plotted in Figure 10 are obtained for the cross-flow turbine
at midspan location.

The water volume fraction rises sharply to 1 at the
beginning of the rotation angle, maintaining this value
until it reaches approximately θ = 70◦, where the volume
fraction slopes downwards to 0.23. Suddenly the water
volume fraction starts to rises sharply and reaches 1 again
at θ ≈ 75◦. This result represents the angular sector between
the 1st and 2nd, stage where there is a minimum water
flow. Finally, the water volume fraction rises again to 1
until θ = 124◦, where the water volume fraction decreases
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abruptly to approximately 0. Therefore, the 1st and 2nd
stage of the runner could be established between the angular
sectors, where the water volume fraction is approximately 1.
Figure 10 shows the 1st and 2nd stage for the design runner
speed.

In addition, negative radial velocities for the 1st stage and
positive radial velocities for the 2nd stage of the runner can
be seen in Figure 10. This represents the inlet flow of the
1st stage and outlet flow to the 2nd one, respectively. It was
observed that the radial velocity downwards peaks sources
are, for 1st stage, the periodical flow wakes downstream after
each blade trailing edge. For the 2nd stage, the peaks are due
to the periodical impacts of the flow that leaves the 1st stage
and shocks against the blades leading edges of 2nd stage.
This leads to considerably higher velocity perturbations.
After each wake or shock location, the water radial velocity
slightly flattens until the rotation angle matches the next
blade location. In addition, some small oscillations can be
seen in radial velocity.
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Performance Curves. This section focuses on the assessment
of numerical and experimental calculations by comparing
global performance parameters for different speeds of the
turbine. The experimental global efficiency and numerical
hydraulic efficiency are related. Further, the percentages of
energy transferred in the 1st and 2nd stage are calculated for
the design runner speed.

Figure 11 shows the experimental and numerically pre-
dicted efficiency values of the turbine for different speeds.
The error bars on the experimental results are included.
Polynomial tendency curves with maximum values corre-
sponding to the best efficiency speed can be seen. The
curves show a similar pattern and for both experimental and
numerical cases, the maximum efficiency values of around
900 rpm are detected.

The consistency between the global experimental effi-
ciency and the numerical hydraulic efficiency is relatively
good, since the slope and the magnitudes are well predicted.
However, numerical efficiency tend to give higher values
for runner speeds superior to runner speed design, thus
indicating that the efficiency is overpredicted. The maximum
relative error was found at n = 1200 rpm, about 10% than
measured one. An explanation for the overprediction is, at
least partially, that the mechanical efficiency of the turbine is
not considered in the numerical calculations and, it rises by
increasing the runner speed [22].

Numerical-experimental discrepancies can also be
explained by several other causes. First main cause is
the numerical approach: homogeneous free surface model
without buoyancy. This assumption cannot take into account
the segregation between phases due to the gravitational
action on the flow. Other causes may concern numerical
procedure, mesh refinement dependency, turbulence model,
boundary conditions, data processing, and geometric fidelity
of the turbine.

Furthermore, the percentages of energy transferred in the
1st and 2nd runner stage for design speed are presented in
Table 3. Some experimental researchers have found similar
percentages [14–17].
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Table 3: Percentages of energy transferred in the 1st and 2nd stage
at design conditions.

Energy transfer at design conditions

1st runner stage 68.5%

2nd runner stage 31.5%

Qualitative Flow Field Analysis. Contours of volume fraction
and water superficial velocity vectors at midspan location for
different runner speeds (400, 600, 800, 1000, and 1200 rpm)
are shown in Figure 12. With regard to water volume
fraction, a clearly defined free surface interface can be seen
between the water flow and the surrounding air. From
speed 400 to 1200 rpm differences among the angular sectors
occupied by the water flow within the runner, as well as
for the water flow that moves forward all the way to the
casing outlet, can be observed. Both in the runner as in the
casing, the area occupied by the water apparently decreases,
whereas the runner speed increases. Certainly, as the water
flow areas are smaller, the water flow velocity increases in
order to maintain the same flow rate through the turbine.
In particular, for 400 rpm the water volume fraction contour
presents a well defined 1st and 2nd runner stage.

Moreover, Figure 12 shows water volume fraction con-
tour plots at 1000 rpm and higher, that water starts to
flow over the casing walls, mainly over the nozzle wall.
Mendoza and Dominicis [18] observed this behavior in their
experimental tests. They attributed this behavior to the flow
recirculation in the 2nd stage; the water is dragged by the
blades along the suction side and thrown out against the
nozzle wall. This behavior is more prominent at 1200 rpm.

In the same Figure 12, the water superficial velocity
vector plots show that the flow accelerates in the nozzle outlet
similar to domain I results. Further, that the crossing flow
leaves the 1st stage at different relative flow angles. Moreover,
it can be observed that the relative velocity flow vectors at
outlet 1st stage W2 are different from those at inlet 2nd stage
W3. Therefore, it is important to mention that through the
runner design, the assumption of W2 =W3 was taken.

For all runner speeds addressed, the water flow when
leaving 1st stage shocks with the runner shaft, which is shown
in the figure as a major water volume fraction located around
the shaft. The explanation is probably an overdesign of the
shaft diameter. The consequences of this phenomenon are
energy drop in the shock zone, spattering, and changes on
the flow direction that enters the 2nd stage of the runner. For
runner speed of 600 rpm, the total pressure drop around the
shaft is depicted in Figure 13.

Furthermore, in relation to the water superficial velocity
vectors it is also important to indicate the presence of
recirculation flow zones in the interblade flow passages, in
particular along the suction side of the blade in both the 1st
and 2nd stages of the blades. These fluid dynamic behaviors
are more significant for runner speeds lower than at design
conditions. For runner speeds of 400 rpm, the recirculation
flow zones in the 1st and 2nd stage are depicted in Figure 14.

Another flow zone through the cross-flow turbine signif-
icant to mention is indicated in Figure 15, where the total
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pressure and water streamlines are shown at the midspan
of the turbine for 1200 rpm. The non-cross-flow dragged
within the blades is lost in the 2nd stage and leaves without
transferring energy.

According to the simulations, the non cross-flow is
certainly present for runner speeds greater than at design
conditions.

Absolute and Relative Flow Velocity Angles. During the
hydraulic design of the runner, an ideal turbine operation
condition is assumed. This design is aimed at guaranteeing
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Figure 14: Total pressure contour at midspan of domain nozzle and
runner casing for runner speed 400 rpm.

the greater hydraulic energy transfer. Therefore, knowledge
of the velocity triangles or flow direction at the entrance and
outlet of each stage of the runner is of vital importance. The
study of these variables is quite complex in an experimental
test, and so, the CFD tools represent a useful means to this
end.

In the following set of figures, the absolute and relative
flow velocity angles of the 1st and 2nd runner stage for
the design speed are presented. The flow angles are plotted
against the rotation angle θ. The rotation angles were
normalized with the total angular sector occupied by each
stage of the runner. Some the small oscillations can be seen
in the plotted flow angles. The numerical grid could count,
at least partially, on these oscillations; their impact on the
turbine performance is considered minimal according to the
grid validation.

In Figure 16, the entrance flow velocity angle α1 is plotted
as a function of θ angle. The α1 angle has a tendency to
decrease with increasing θ angle until it reaches approxi-
mately half of the admission arc. Then, the angle α1 gradually
tends to rise up to the end of the stage. Significant perturba-
tions on the α1 angle with prominent downward peaks can be
observed. The sources of this behavior, as commented before,
are the periodical impacts of the upstream runner flow field
with the leading edge of the runner blades. After each shock
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Figure 15: Total pressure contour at midspan of domain nozzle-
runner-casing for runner speed 1200 rpm.
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Figure 16: Absolute flow velocity angles of 1st runner stage
entrance along the normalized rotation sector at design conditions.

with the blades leading edge, the α1 angle flattens slightly
until the next blade leading edge location. It is important
to remember that the design α1 angle is 16◦ and even when
the α1 angles are surrounding this design condition, the
hydraulic efficiency of this stage is adversely affected upon
this flow condition. Again, the explanation for this flow
behavior is probably the standard supposition of potential
flow when the nozzle was designed.

In Figure 17, the relative velocity angle at the outlet of 1st
stage β2 is plotted against θ angle. The β2 angle has a tendency
to decrease slightly with increasing θ angle until it reaches
approximately 70% of the admission arc. At this point, the
β2 angle is approximately close to the design condition β2 =
90◦. Then, the β2 angle quickly descends to zero up to the
end of the stage. The explanation is that the progressive
interference or meddling of the flow streamlines within the
runner become more important with increasing θ angle for
this stage, affecting in that way the flow angle (see Figure 12).
As well as for α1, significant perturbations on the β2 angle
with prominent downward peaks can be observed. Although
this occasion, the sources of this behavior are the periodical
flow wakes downstream of 1st stage after each blade. It can
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Figure 17: Relative flow velocity angles of 1st runner stage outlet
along the normalized rotation sector at design conditions.
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Figure 18: Relative flow velocity angles of 2nd runner stage
entrance along the normalized rotation sector at design conditions.

also be mentioned that between those sharp peaks the β2

angle flattens slightly.
Figure 18 depicts the relative flow velocity angle β3

against θ angle. It is noticeable that the β3 angle has a
tendency to ascend with increasing θ angle all along the 2nd
stage sector. In the figure, it is possible to see that the β3 angle
varies from 0 to 120◦. This represents a major flow distortion
considering that the design flow condition assumes β3 =
90◦. The reason for this lies in the modification of the flow
streamlines that leave the 1st stage and progressively interfere
with each other within the runner (see Figure 2). The poor
performance of the turbine in the 2nd stage is attributed to
this certain deviation regarding the design angle.

Figure 19 shows the outlet flow velocity angle α4 for θ
angle. As a consequence of the high alterations of the flow
direction β3 commented above for the entrance of this 2nd
stage, the angle α4 presents important disturbances. The α4

angle varies between 15 and 140◦, most of the fluctuates
around 90◦ that is the design condition. Moreover, the α4
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Figure 19: Absolute flow velocity angles of 2nd runner stage outlet
along the normalized rotation sector at design conditions.
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Figure 20: Absolute flow angles α1 obtained for the numerical
domains I and II along the normalized rotation sector at design
conditions.

angle flattens slightly after each downward peak produced by
the flow wakes presented along the trailing edge of the runner
blades.

With regard to the absolute flow velocity angles cal-
culated for domains I and II at the entrance of 1st stage,
in Figures 9 and 16, respectively, the comparison of both
alternative modeling approaches is depicted in Figure 20. It
can be observed in the figure that the agreement between
the tendencies of each numerical prediction is generally very
good apart from the downward peaks presented in domain
II calculations. Therefore, a good average approach of the
α1 angle can be achieved by simulating the simpler domain
I, that is, without considering the runner. This represents a
significant lower computational effort.

6. Conclusions

Using CFD techniques, it was possible to simulate the
behavior of the 3D steady state free surface flow (water-air)
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inside the nozzle-casing assembly of the turbine, being able
to visualize the flow field and to obtain the flow angles along
the nozzle outlet. It was found that the flow angles along the
nozzle outlet α1 that would come into the 1st stage of the
runner slightly varies from 23◦ to 7◦ along the rotation angle
θ, passing through the design condition angle α1 = 16◦. The
deviation of the α1 angle is explained with the potential flow
condition assumed when the nozzle is designed. The water
volume fraction was also addressed. The results show that the
admission arc is full of water from 5◦ of the rotation angle.

A full 3D-CFD steady state flow simulation of the cross-
flow turbine was performed which included: nozzle, runner,
shaft, and casing. The simulations were carried out using
a homogeneous free surface model. The global experimen-
tal efficiency and the numerical hydraulic efficiency were
compared for nominal flow at different speeds. The overall
agreement was good apart from the speeds higher than
800 rpm, where the numerical predictions are higher. The
explanation for the overprediction is probably that the
mechanical efficiency of the turbine is not considered in
the numerical calculations and it rises by increasing the
runner speed. Another reason could lie in the numerical
mesh, turbulence model k-ε and homogeneous free surface
model without buoyancy. The percentages of energy transfer
in the 1st and 2nd stage were addressed for the design
speed. The results show that 68.5% percent of the energy
transferred occurs in the 1st stage, and the remaining 31.5%
is transferred in the 2nd stage. In addition, velocity, water
volume fraction and pressure fields at midspan were analyzed
for the runner speeds (400, 600, 800, 1000, and 1200 rpm).
Fluid dynamic phenomena as shocks with the runner shaft,
recirculation flow zones in the interblade flow passages and
non-cross-flow were recognized. Further, it was possible to
determine quantitatively the 1st and 2nd stage of the runner
at nominal speed by considering the variation of the radial
water velocity and water volume fraction along a specific
rotation sector at the runner inner diameter.

At the design runner speed, the absolute and relative
flow velocity angles of the 1st and 2nd runner stage were
addressed quantitatively. The results were shown against the
normalized rotation angles occupied by each stage of the
runner. For all flow angles addressed, were found downward
peaks attributed to the location of the runner blades, at
either the leading or trailing edge of the blades. This perturbs
significantly the flow angles and directly affects the hydraulic
efficiency of the runner stages. The observed trends of the
flow angles are not an obvious fact, as the flow angles should
tend to a theoretical angle. The spanwise variations of the
angles vary from one to another but, it could be said that
the flow angle that better tends to the design conditions is
α1 since the water flow coming to the 1st stage is controlled
by the nozzle. The worst deviation to the design condition is
obtained for β3 angle that should be close to 90◦. The reason
lies in the modification of the flow streamlines that leave
the 1st stage and progressively interference with each other
within the runner.

The numerical studies of the flow angle at runner
entrance α1 revealed that the simulation the nozzle-casing
assembly represents an attractive alternative to obtain it,

with regard to the other numerical approach that takes into
account the runner of the turbine. Using the simpler flow
domain nozzle-casing, the numerical calculations can be
simplified considerably and thus the CPU time.

Nomenclature

Symbols

B: Runner blade width [mm]
D: Runner diameter [mm]
d: Runner shaft diameter [mm]
H: Head [m]
Ht: Effective turbine head [m]
n: Turbine speed [rpm]
ns: Specific speed [rpm × CV1/2/m5/4]
P: Pressure [Pa]
Q: Turbine flow rate [m3/s]
r: Runner blade radius of curvature [mm]
So: Throat width size of nozzle [mm]
U : Impeller rotation speed [m/s]
V : Absolute flow velocity [m/s]
Vsx: Superficial velocity, V · αvx [m/s]
ηh: Hydraulic efficiency [%]
η: Global efficiency [%]
α: Absolute flow velocity angle [◦]
αvair: Air volume fraction [-]
αvwater: Water volume fraction [-]
λ: Admission angle to runner [◦]
β: Relative flow velocity angle [◦]
θ: Rotation angle [◦]
θ1st: Rotation angle occupied by 1st stage [-]
θ2nd: Rotation angle occupied by 2nd stage [-].

Subscripts

1: Runner blade inlet (1st stage)
2: Runner blade outlet (1st stage)
3: Runner blade inlet (2nd stage)
4: Runner blade outlet (2nd stage)
ins: Inside
out: Outside
r: Radial component
u: Rotation component.

Abbreviations

CFD: Computational fluid dynamics
BEP: Best efficiency point.
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